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Abstract: It is crucial to conduct a study of vehicle ride comfort using a suitable physical model, and a precise and effective
problem-solving method is necessary to describe possible engineering problems to obtain the best analysis of vehicle vibration
based on the numerical model. This study establishes different types of vehicle models with different degrees of freedom (DOFs)
that use different types of numerical methods. It is shown that results calculated using the Hamming and Runge-Kutta methods are
nearly the same when the system has a small number of DOFs. However, when the number is larger, the Hamming method is more
stable than other methods. The Hamming method is multi-step, with four orders of precision. The research results show that this
method can solve the vehicle vibration problem. Orthogonal experiments and multi-objective optimization are introduced to
analyze and optimize the vibration of the vehicle, and the effects of the parameters on the dynamic characteristics are investigated.
The solution F, (vertical acceleration root mean square of the vehicle) reduces by 0.0352 m/s?, which is an improvement of 7.22%,
and the solution F, (dynamic load coefficient of the tire) reduces by 0.0225, which is an improvement of 6.82% after optimization.

The study provides guidance for the analysis of vehicle ride comfort.
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1 Introduction

With the development of society, cars have
become an indispensable part of people’s lives. The
demand for vehicle comfort is increasing, and vehicle
ride comfort, in particular, has become the focus of
research into vehicle dynamics. How to reduce the
vibration from random excitation from the road or
other vibration sources is a key problem for manu-
facturers and researchers. To achieve better ride
quality, one of the most useful ways is to establish a
numerical model to predict the vibration source, and
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an effective method is then derived. However, an
accurate model is usually difficult to establish and the
precise method for solving the model is also difficult
to determine. Despite this, several types of optimiza-
tion methods have been introduced to improve the
ride comfort of vehicles. Therefore, studying the
numerical model of vehicle dynamics and its solution
are very important.

As a vehicle travels on the road, excitations
arising from irregularities on the road surface, forces
of acceleration, the engine itself, and the inertial
forces on a curved track cause discomfort to the driver
and influence the vehicle’s maneuverability. Multi-
body system is usually used to analyze the vehicle’s
handling, and the research can be conducted in terms
of multi-rigid-body dynamics and flexible multibody
dynamics. There are many analytical methods for
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multi-rigid-body dynamics, such as the Newton-
Euler method, Lagrange method, Kane method, and
R-W method. Building a multi-degree of freedom
(DOF) mathematical vehicle model using the
Newton-Euler formulation and multibody dynamic
simulation model has been refined to provide a good
prediction when applied to numerical vehicle models
for a controlled vibration simulation. With the de-
velopment of computer-aided engineering and virtual
reality techniques, virtual prototyping software, such
as ADAMS, has been used extensively to predict
vehicle behavior and is used by leading manufactur-
ers to shorten product development lead-times and
meet the challenges of today’s complex design and
optimization problems. Compared with multi-DOF
dynamic simulation, the results calculated using so-
phisticated dynamic software packages generate more
precise responses. However, the multi-DOF model
can predict, with acceptable accuracy, an engineering
result with a shorter computational time and mini-
mum complexity.

Bae et al. (2000) proposed an efficient imple-
mentation algorithm for explicit numerical integration
methods so that relatively low-cost computers could
be used for a real-time simulation of multibody vehi-
cle dynamics models. The Newton chord method has
been used to solve the equations of motion and con-
straints. Hegazy et al. (1999) used ADAMS to estab-
lish a multi-DOF nonlinear multibody dynamic model
of a vehicle, comprising the front and rear suspension,
steering system, road wheels, tires, and vehicle iner-
tia. Schmitke et al. (2008) used graph theory and
symbolic computing to generate efficient models for
multibody vehicle dynamics. In addition to the
aforementioned analyses, many researchers have used
other methods to validate the analysis conducted
using multi-DOF analysis. Vaddi and Kumar (2014)
proposed a nonlinear full-vehicle model with 14
DOFs for the simulation of vehicle ride and handling
performance. Various handling characteristics ob-
tained from this model were compared with those
from a full-vehicle multibody dynamics model in
ADAMS. A vehicle with 10 DOFs incorporating
nonlinear damper and suspension kinematic profiles
was mathematically modeled by Yuen et al. (2014).
The model was then validated against a similar vehi-
cle model in multibody dynamic software and other

conventional vehicle models by comparing the sim-
ulated results from the handling tests. A 14-DOF
vehicle dynamic model was validated with a
multibody simulation by Kadir et al. (2012). A
nine-DOF vehicle dynamics model that considered
several steering inputs was also validated by Nasir et
al. (2012). The authors showed that the simulation
results were fairly close to the multibody simulation.

There are many factors that affect the ride
comfort of a vehicle, and the suspension system can
be designed with the best combination of parameters
to provide optimum vibration performance. In the
multi-DOF vehicle system model, the variables for
the model design and suspension system evaluation
are the sprung mass, sprung stiffness, and damping,
which determine the ride comfort and suspension
deflection of the vehicle. These parameters indicate
the limit of the motion of the vehicle body. To expe-
rience real ride comfort within the vehicle design, the
more powerful the optimization approaches, the bet-
ter the results that will be obtained. Thus, researchers
have attempted to use various optimization methods
to optimize the performance criteria of the vehicle
suspension, such as the single-objective optimization
algorithm, genetic algorithm (GA), and multi-
objective GA. Among optimization studies on sus-
pension design, many studies have been performed
using single-objective optimization, which can be the
summation of several performance criteria multiplied
by the appropriate weighting factors (Baumal et al.,
1998; Hegazy et al., 1999). Jamali et al. (2014)
established a multi-objective optimization model to
optimize a five-DOF vehicle model that was capable
of predicting actual suspension performance with
acceptable results. Tamboli and Joshi (1999) used a
simple two-DOF half-car model without considering
any practical constraints to simulate actual random
road excitations. Their model employed nonlinear
programming to optimize the suspension parameters.
Mirzaei and Hassannejad (2007) applied GA opti-
mization to a passive suspension system. This
method was initially applied to a simple two-DOF
half-car model and the results were also compared
with those obtained using nonlinear programming.
Giindogdu (2007) used single-objective GA to opti-
mize a four-DOF quarter-car model and suspension
system to achieve the best ride comfort performance
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of the vehicle. According to global criterion method
(Rao, 1996), this single-objective was composed by
four design objectives to form, such as head accel-
eration, crest factor, suspension deflection, and tire
deflection.

In the literature reviewed, many researchers fo-
cused on the multi-DOF model and achieved the
following: (1) the establishment of a vehicle model
based on different DOFs; (2) vehicle vibration control
based on a different algorithm; (3) optimization of the
vehicle dynamics based on the multi-DOF model; (4)
a comparison of the characteristics of the multi-DOF
model and multibody simulation; (5) vibration control
based on the multi-DOF model; (6) assessment of the
effect of suspension and tires on vehicle ride comfort.
Thite et al. (2011) used a four-DOF vehicle model to
analyze the ride dynamic of heavy vehicles. Ikenaga
et al. (2000) applied a seven-DOF vehicle model to
evaluate the dynamic characteristics using an active
suspension system. Sulaiman et al. (2012) presented a
model for a seven-DOF full-vehicle that was vali-
dated to study the ride comfort of a heavy vehicle.
Yuen et al. (2014) used a ten-DOF mathematical
vehicle model that was coupled with a suspension
kinematic profile to design the suspension. With the
development of the model, some special problems
were considered, such as the standing posture. Gupta
(2007) established a 15-DOF linear damped lumped-
parameter vehicle model with the standing posture.
Nigam and Malik (1987) developed a 15-DOF linear
undamped lumped-parameter model based on the
anthropomorphic model, which also considered the
standing posture. Reddy et al. (2015) used a 15-DOF
human-seat vibratory model to couple a seven-DOF
model to study the dynamic response of a human
driver to vehicle vibrations.

In addition to the aforementioned analyses, there
have been many researchers focused on vibration
control and tire-suspension response analysis. Ekoru
and Pedro (2013) presented a proportional-integral-
derivative (PID)-based control method for active
vehicle suspension systems based on a half-car
model. To improve the efficiency and capacity use,
He et al. (2015) conducted an investigation on an
active-suspension linear quadratic Gaussian control-
ler based on a seven-DOF full-vehicle mode.
Soleymani et al. (2012) used a full-vehicle model

with eight DOFs to design front and rear suspensions
using two separate fuzzy controllers. The road adhe-
sion condition always changes at a relatively low
frequency, and Campbell (1981) found suspensions
and tires should possess many attributes for ride
comfort, durability, and vehicle handling. von
Chappuis et al. (2013) applied impulsive suspension
loads to tire and suspension elements to study the
reactions of jounce bumper-rebound stop and tire
characteristics. Zong et al. (2011) considered the tire-
road friction coefficient in the multi-DOF model to
improve the precision of vehicle state estimation.

In the literature reviewed, most of the multi-
DOF vehicle models were simplified. Some models
ignored the effect of kinematic changes toward the
tire or used a linear suspension kinematic model with
a small angle assumption. A small number used a
parametric model that coupled with kinematic pro-
files to simulate the effect of suspension kinematics.

To summarize, some types of multi-DOF models
of a vehicle have been used to analyze the ride
comfort of the vehicle, and the models are becoming
increasingly complex. Most researchers have focused
on the linear model; a small number of researchers
have focused on the nonlinear model, and they have
usually neglected the effect on solving methods from
dynamic simulation and low-amplitude vibration ride
comfort, such as from vibration transmitted from the
road.

To gain an insight into vehicle dynamic charac-
teristics, some types of vehicle dynamic simulation
models have been established and are presented here,
such as the quarter-vehicle model, half-vehicle mod-
el, and full-vehicle model. To determine the precise
effect of the numerical algorithm on solutions, the
numerical functions are listed and then the dynamic
problem is also solved using the Hamming method,
Runge-Kutta method, Newmark method, and finite
difference method (FDM) using the MATLAB pro-
gram. The relative precision of the methods is then
discussed. In addition to the aforementioned descrip-
tions, considering that low-amplitude vibration has a
great effect on ride comfort, the vibration transmitted
from the road is considered in this study. Thus, two
criteria are selected for this study for the optimization
and evaluation of the design of ride comfort, and then
orthogonal experiments are used to determine the
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effect of the parameters on the dynamic characteris-
tics and the interaction effect. Then, two aims, such as
the dynamic load coefficient and vertical acceleration,
are selected as multi-objective optimization aims to
analyze and optimize the vehicle’s dynamic behavior.
The optimized dynamic characteristic is then com-
pared with the original result.

2 Vehicle model and road dynamics

In this section, the road-vehicle coupling dy-
namics model and performance indices, such as ride
comfort, energy, and road handling, are discussed.

2.1 Condensation of the degrees of freedom

The model of vehicle dynamics can be estab-
lished using traditional methods, modal synthesis, or
nonlinear modeling methods. The traditional model
was established using Newton’s laws, the Lagrange
equation, and D'Alembert’s principle to derive dif-
ferential equations. A quarter-vehicle model is shown
in Fig. 1. The dynamic equations for the dynamic
simulation model can be expressed as follows:

{mﬁ{ =K(g-2) =Kz —2)+ (3 - 2), O

mZZé :Ks (ZI’ - Z;) + Cs (Zl' - Z;)a

where m; represents the sprung mass, m; represents
the unsprung mass, K and C; are the stiffness and
damping of the suspension, respectively, K is the tire
stiffness, z', and z'; are the displacements of the
sprung and unsprung masses, respectively, and ¢ is
the road displacement input.

,
" -J

Ks
Cs

Ki q

Fig.1 A quarter-vehicle model

2.2 Half-vehicle model

When a vehicle runs on the road, the excitation
of the rear and front tires is different owing to the
excitation delay. The half-vehicle model with four
DOFs is shown in Fig. 2. In this paper, the structure of
the vehicle body is presented with respect to the cen-
tral axis perpendicular to the vehicle’s plane of
symmetry, where My is the unsprung mass on the
front tire, My, is the unsprung mass on the rear tire,
and My, is the mass of the body.

According to Fig. 2, the dynamic equations of
the half-vehicle motion model can be written as
follows:

. 1 ab .
= gt T JKai =20+ Cat =2
Pk ez e -2
— z. —Z Zy—Z,))s
M, J, ) TTeme
. 1 ;2
3= M [Ktr(qtt _23)_Ksr(z3 _24)_Csr(z3 _24)]’

Z :( 1 _‘C;_Zj[st(Zl —2,)—Cy (2, - 2,)]

b

+( ! +a—b][K (z,—z)+C_(2,—2,)]
Mbh Jb sr\“<3 4 sr\<3 471

()
where z; and z, are the vertical displacements of the
unsprung and sprung masses at the front axis, z; and z4
are the vertical displacements of the unsprung and
sprung masses at the rear axis and rear tires, and ¢;
and gy are the input displacements at the front and rear
tires, respectively. ¢ is the roll angle of the body, « is
the distance from the front axis to the center of mass,
b is the distance from the rear axis to the center of
mass, Jp is the moment of inertia of the body around
the lateral axis, Kisis the vertical stiffness of the front
tire, K, 1s the vertical stiffness of the rear tire, K is
the stiffness of the front suspension, Ky, is the stiffness
of the rear suspension, C is the damping of the front
suspension, and Cy is the damping of the rear
suspension.

2.3 Full-vehicle model

In this study, a seven-DOF vehicle model is es-
tablished to analyze the dynamic motion of a vehicle.
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This model consists of a sprung mass free to bounce,
pitch, and roll, connected to four unsprung masses
free to bounce vertically with respect to the sprung
mass. The sprung mass has three DOFs representing
the body bounce, pitch, and roll movement. The un-
sprung masses of the vehicle model have four DOFs,
due to the vertical motions. Fig. 3 shows a seven-DOF
full-vehicle model.

Much work based on the multi-DOF model has
been conducted. However, the fundamental questions
are still not clear. A detailed seven-DOF model can be
established and its function written as follows:

myZ, = Co (Zyn = Z0) = Kp (Zya = Z4a)
—Cp(Zyp —Z4p) — Ky (245 — Zip)
= Cie(Gye = Ze) =K (24c = 2c)
—Cp(Zyp = Zyp) = Kip (zyp = Z4p) =0,

Ipé F[Cp (Zyp = Zop) T Kis (244 —Zp4)
+Cp(Zyp = Zip) + K (2,5 — Zp)]a
~[Cc e = Zpc) + Ko (2 = Z1c)
+Cp (Zyp = Zp) + K (245 = 2p)10 =0,

Lo —[Cp(Zyp = Z0) + Ky (244 —2,0) 3)
—Cp(Zyp —Zp) — K (2, — 24515,
—[Ce(Gue = 2c) + K (240 = 24c)
—Cp(Zyp = Zyp) = Kip (2yp = Z4p)1B, =0,

moZ,, — K, (ZgA = Z,0) —Ca(Zyn = Z0)
K, (2,0 —2,,)=0,

MmpZp — Ky (ZgB —2,5) —Cy(Z,p —Zip)
—Kp(z,5 —2,5) =0,

meZ.c — K (ch —Z,c) = Ce (Zye — Zic)

—K(z,c —2,0) =0,

where [, is the pitching moment of inertia, /; is the roll
moment of inertia, 6, is the pitch angle of the body, ¢
is the roll angle of the body, m is the unsprung mass
at the left front tire, my;p is the unsprung mass at the
right front tire, myc is the unsprung mass at the left
rear tire, myp 18 the unsprung mass at the right rear
tire, Ksa 1s the stiffness of the suspension at the left
front tire, Kg is the stiffness of the suspension at the
right front tire, K is the stiffness of the suspension at
the left rear tire, Kp is the stiffness of the suspension
at the right rear tire, C;a is the damping of the sus-

pension at the left front tire, Csp is the damping of the
suspension at the right front tire, Cyc is the damping of
the suspension at the left rear tire, Cyp is the damping
of the suspension at the right rear tire, Kin is the
stiffness of the left front tire, Kig is the stiffness of the
right front tire, K¢ is the stiffness of the left rear tire,
Kip is the stiffness of the right rear tire, L is the dis-
tance between the shafts, Br represents the distance
between the front wheel and mass center, B, repre-
sents the distance between the rear wheel and mass
center, zy is the vertical displacement of the center of
mass, zp,a 1S the vertical displacement of the body
endpoint at the left front tire, z,g is the vertical dis-
placement of the body endpoint at the right front tire,
zpc 1s the vertical displacement of the body endpoint
at the left rear tire, zyp is the vertical displacement of
the body endpoint at the right rear tire, zga is the ver-
tical displacement of the left front tire, z,p is the ver-
tical displacement of the right front tire, zyc is the
vertical displacement of the left rear tire, zp is the
vertical displacement of the right rear tire, and mj, is
the sprung mass of the body.

a | b
T
-
¢
Zz{ fZA
Mon Jb
+ +
Ksl Csf Ksr Csr
2 L Msf er J 23
q 4 Kt Ksr } g

Fig. 2 A four-DOF half-vehicle model

Zpp, Zpe,

Fig. 3 A seven-DOF full-vehicle model
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3 Road roughness model

Road excitation varies randomly over a wide
range. A rough road can be typically represented by a
stationary Gaussian stochastic process of a given
displacement power spectral density (PSD) in
m?/(m™"). To simulate the vehicle suspension system
with road excitation, a road profile is defined as the
cross-sectional shape of the road surface under the
given conditions, which can be written as statistical
procedures (Taghirad and Esmailzadeh, 1998; Zuo
and Nayfeh, 2003). The relationships between the
spatial frequency n and PSD function G4(n) can be
approximated by two straight lines on a log-log scale,
and expressed as

G, (n)= Gq(no)(ﬁjW, n>0, @

n,

where ng is the reference spatial frequency, and the
value of Wis 2.0.

Mesh the region (n;, ;) into m sections using the
PSD at the central frequency nyq ; to represent the
PSD over the entire region. The PSD at the ith section
can be expressed as follows:

q, = Sq (nmidj)Ani’ i=12-,m, %)

where An~=(n,—n,)/(m+1) is the interval frequency in
this section.
For every small section, the standard deviation

for every frequency 7imiq i is \2G, (1, ;)An; and its

sine wave function can be expressed as

q'=2G,(n 4y )An, sinQ2mn , x+6). (6)

Overlaying the sine wave function in each sec-
tion simultaneously, the frequency domain of the
random pavement displacement can be expressed as

q(x)= zq 12G, (14 )AR, sin(2mn, x+6,),  (7)
i=1

where x is the displacement along longitudinal direc-
tion, and 4 is the random value in the region of (0, 27).

The signal in Eq. (7) is in frequency domain,
which needed to be transformed to the time domain.

The frequency domain pavement random with the
time input form can be expressed as

40 = Y26, (o DA Sin2Rf 3y 1 +0), (8)

where f’=u-n, the center frequency in the ith region
S'mid =U Hmid ;» X/u=t, and u is the vehicle velocity.

The dynamics of the vehicle are always sensitive
to road roughness. Road roughness is very important
in vehicle design, so it has been studied for a long
time. It can be described by wheel track elevation
profiles. Recently, the effects of the road profile on
the ride comfort of a vehicle have been widely stud-
ied. Road profiles must be described in a statistical
way because of their random profile. The Interna-
tional Standardization Organization (ISO) proposed a
method that classifies road roughness using power
spectral density functions. Table 1 shows the power
spectral density of road roughness log scale plots
proposed by the ISO, which are in eight classes (from
A to H). They are approximated using two straight
lines. Class H indicates the roughest road profile,
whereas class 4 indicates the smoothest road profile.
Through numerous measurements, the ISO suggested
a road classification scheme based on the degree of
road roughness Sy (Zuo and Zhang, 2013) (Table 1).

For the simulation of a vehicle undergoing ran-
dom road excitation, road roughness expressed in the
time domain with class B is shown in Fig. 4. This is
also the load excitation in the analysis below. Addi-
tionally, excitation can also be expressed in the fre-
quency domain, and it needs to be transformed into
the distance domain using an inverse Fourier trans-
form. Fig. 5 presents three classes of road profiles
(classes B, C, and D), which are expressed in the
distance domain.

Table 1 Parameters for different classes of road

Road class 10*6S12157(I:§ec1e/m)) (x 10*6S§1£I/l(iayllle/m))
A (very good) <8 4
B (good) 8-32 16
C (average) 32-128 64
D (poor) 128-512 256
E (very poor) 512-2048 1024
F 2048-8192 4096
8192-32768 16384
>32768
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4 Method for solving the dynamic simulation

There are many methods for solving the dynamic
simulation of a vehicle. In this study, different types
of numerical methods are introduced to solve the
multi-DOF vehicle model. The typical numerical
methods for solving linear dynamic equations are the
Newmark method, FDM, finite element method,
Wilson method, and Runge-Kutta method.

The dynamic equation for the mass matrix can be
expressed as

Md—zz+C$+Kz—f 9)
ds? dt ’

where z=(zy, z2, ..., z,), M is the mass matrix com-
posed of different vehicle parts, C is the damping
matrix composed of different vehicle parts, K is the
stiffness matrix composed of different vehicle parts,
and f'is the excitation force.

4.1 Finite difference method

There are two ways for second-order linear or-
dinary differential equations to be discretized into
finite difference equation. One is to use the difference
instead of the derivative; the other is to use the inte-
gral interpolation method. The highest order deriva-
tive in equation is reduced to one order, so the re-
quirement for z smoothness is weakened. Assume that
the calculation regarding the dynamics is in the region
of [a', b'], then the integration of Eq. (9) over the
interval [x’, x"] can be written as

dz dz v dg - e
M= -\ M= +| C=dt+| Kzde=| fdr

[ dt L { dt l L’ dt L’ 4 Lr f
(10)

Meshing the region [a’, '] into N parts, every
node can be expressed as t=a'+ih (0<i<N, and / is the
step), and the finite difference equation in the mesh
region with respect to time #;_1,, and f;1,, about x" and
x" can be written as

EH

The integral terms in Eq. (11) can be represented
by rectangular formulas, and they can be written as

livi2

fdr.

lian

(1)

- [M %Lz + letz C %dt + L f}‘: Kedt =

lis12

i C%df — hC% + 0(h3 ):
i d[ dt

j Kzdt = hKz, + O(F),

-1/2

(12)
[ fde=nf,+ o).

i-1/2

Submitting Eq. (12) into Eq. (11) and neglecting
the error part O(h’), and using z; to represent [z];,
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Eq. (11) can be rewritten as

=22+ 3, BER
Mzwl BRI +Cz’+' > S +thi =hf, (13)

4.2 Revised Hamming method

For initial value of the differential problems:

a<x<b,

{y'= S (x,»), (14)

y(a)= Yo

When the numerical solution is carried out, be-
cause o, J1, --., Vy have been obtained, the calculation
formula can be constructed using this information. It
can also reduce the amount of calculation, and obtain
the higher accuracy. The general expression can be
written as

yn+l =Zakynfk+hzlgkf;1fk' (15)
k=0

k=-1

Eq. (15) can be expanded based on Taylor’s
theorem, so the fourth-order and four-step explicit
function can be written as

4h
Ynit = Vs +?(2fn = foa T2/,5) (16)

The local truncation error for Eq. (13) can be
written as

_14

€ = 45 ny? (&) +O0(h").

(17)

Another Hamming method with a fourth-order
and three-step explicit function can be written as

1 3h
yn+1 :g(gyn _yn72)+?(f;1+1 +2f;1 _f;'tfl)’ (18)

where the local truncation error for Eq. (18) is
1

£ =——hyV(E)+O0(h°).

m =Y (S)+O0(h”)

Eq. (16) and Eq. (18) are combined to obtain the
prediction-correction formula:

4h
Vra =Vuat ? Cf, =S +2f,00

1 3h (19)
yn+l =§(9-yn _yn72)+§[.f(xn+l’yf+l)+2ﬁ _f;tfl]'

5 Design of experiments

The design of experiments (DOE) is important
as a formal way to maximize information gained
while minimizing required resources, especially for
the orthogonal experiment. It can identify the main
effects of every input variable on global aim re-
sponses when optimizing vehicle dynamic behavior.
In this paper, six input variables with three levels are
used, as shown in Table 2. Some outputs are selected
to evaluate lubrication performance, such as dynamic
acceleration and the dynamic load coefficient (He et
al., 2015).

Six input parameters with three levels for each
parameter imply a set of 3° runs for the entire ex-
periment with one change at a time. Every experiment
to perform the simulation requires at least 5 h. Thus,
5x37 min is required to achieve the goal. To overcome
this problem, the orthogonal experiment, which con-
sists of one component with three levels, is intro-
duced. The DOE L(3") is described as a 64 design of
resolution. This means that an overall number of n=6
factors is studied, which only requires at least
320 min. However, the variables’ interaction is ne-
glected in the experiment. In future work, an exper-
iment considering the variables’ interaction will also
be designed.

6 Multi-objective optimization theory

There are several objective functions in the lit-
erature for optimizing the ride comfort of a vehicle. A
single-objective optimizer is always used to solve the
ride comfort problem to obtain one optimum solution.
However, it is always difficult to obtain the desired
result using this optimization technique, so the multi-
objective approach is used to optimize the ride com-
fort of the vehicle. There are two multi-objective
optimization approaches to optimize the ride comfort
of a vehicle: the weighted-sum approach and Pareto-
based approaches. The weighted-sum approach is a
classical multi-objective optimization approach in
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Table 2 Orthogonal experiment

Influence Variable Variable meaning Value

factor No. Level 1 Level 2 Level 3
A Ka (N/m) Stiffness of front suspension 15300 17000 18700
B K (N/m) Stiffness of rear suspension 19800 22000 24200
C Cia (N-s/m) Damping of front suspension 1350 1500 1650
D Csc (N's/m) Damping of rear suspension 1350 1500 1650
E K; (N/m) Stiffness of tire 172800 192000 211200
F a (m) Distance from mass center to front axis 1.125 1.25 1.375
G b (m) Distance from mass center to rear axis 1.359 1.51 1.661

which all the objectives are weighted and added to-
gether to form a single objective. However, it is al-
ways difficult to define the weighted coefficient using
this method. In this paper, root mean square (RMS)
acceleration with human vibration-sensitivity and the
response force to tire are selected as the aims to op-
timize. Thus, a multi-objective optimization problem
with a number of minimized or maximized functions
can be solved. By applying the non-dominated sorting
genetic algorithm (NSGA)-II to the above problem, a
set of optimal solutions (a Pareto front) is obtained for
the suspension system design. In the following, the
multi-objective optimization problem (MOOP) is
stated in its general form of

S(x)=min[f,(x), f,(x), -+, £,,(x)],
subjectto g, (x)=0,,;=1,2,---,i,
h(x)=20o0r <0, k=1,2,---,k,

X, <X <X

iu>

(20)

i:1927'.'7n3

where x=[xi, X2, ..., X,], and gi(x) and /i(x) are
the equality and inequality constraint functions,
respectively.

NSGA was first proposed by Srinivas and Deb
(1994). However, there are many defects in this op-
timization, such as: (1) the number of non-domination
sorting algorithm calculations is too high, in particu-
lar, when the size of the population increases, the
number of calculations increases rapidly; (2) no elitist
preservation method; (3) need to set sharing parame-
ters o. Later, the researchers changed the algorithm,
and it is developed NSGA-II. The algorithm uses the
crowding and crowding comparison operators to re-
tain the best individual among the parents to go into
the next generation to ensure the algorithm obtains the
best solution. Non-dominated sorting is performed for

every generation of the parent and offspring. The
detailed process of NSGA-II is explained as follows:

1. In this study, the decision variables are the
width of bearing, radius of the journal, and viscosity
of the oil film. The method uses a random number
generator to produce n populations of individuals,
where each individual within the population repre-
sents a possible solution, and population initialization
is the basis for subsequent operations.

2. Individual numerical information in the group
is read into a MATLAB program, and its fitness
values are calculated through their objective function.

3. When fast non-dominated sorting is per-
formed, there is a n; and a p; corresponding at each
individual set after different individuals compared
with each other. n; and p; are generated by the indi-
vidual of the non-dominated sequence rank i. Thus,
fast non-dominated sorting is completed. The calcu-
lation of the individual crowding corresponds to each
non-dominated set.

4. Given crossover probability P., all individuals
will be paired off. Let P, and P, be the parent indi-
viduals, C; and C, the child self, and V' the string
length. Quantity 7 of random number R; is produced
in the region [0, 1] before crossing, where 1<i<V.
Parent individuals that satisfy R,<P. perform the gene
exchange, and new individuals are produced.

5. The offspring and parents mix together after
genetic manipulation. Repeat steps 2 and 3 and then
select half the population according to non-dominated
sorting. This can take the best individual parent into
the next generation. The population level can be
rapidly promoted.

As mentioned previously, two criteria were se-
lected for this study for optimization and evaluation
of the design of ride comfort. Additionally, some
parameters from the suspension system were consid-
ered as design variables, including the suspension
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spring stiffness and hydraulic damper coefficient of
four tires. The indices for the problem are then de-

fined as
F= YA 1)
1 Ntzl b|
2
|| Fa®) | Fo® | Fy() , Fu(®)
F, = NZ G, G G G |, 2

t=1 |

4 |

where Fy; and G; are respectively the dynamic load
and static load that the tire acts on the ground

b b Y,
Geme L . U Gomg b
Comme T s 2T ™ s b
a b a b
Go=mg—2t .2 G omgt_ . _
T hrn s s

is the distance between the body endpoint at the left
front tire and the mass center, &', is the distance be-
tween the body endpoint at the right front tire and the
mass center, b; is the body endpoint at the left rear tire
and the mass center, b, is the body endpoint at the
right rear tire and the mass center). In this study,
b'=b'=Bs, b=b,=B,. F is the vertical acceleration root
mean square of the vehicle, and F» is the dynamic
load coefficient of the tire.

The excitation forces of the four tires are com-
posed of Eq. (22) and they can be written as

Fp=Cy(Zyn — 2, + ab - B.p)
+K,(z,\—2z,+a0-B.p)+m_ % ,,
Fy = CsB (Z.WB —Z,+ ab + B.p)
+ Ky (z,5 =2, +a0 —B.p)+m ,z

wB?

s A (23)
Fyy =C(Zyc =2, —bO + B.9)
+ Ko (24 =2, DO+ B.p) + mcZ
Fyy=Cy (2,5 —2, —b0—Bg)
+ K (zp =2, —bO-Bp)+m 7.
The optimization satisfies the following
constraints:
Ju=2,—a0+Bp—z,,
Jo =2, 1,0 - Bip— 2z, (24)

Ju=2,+b0—-B -z,

fu=z,+b0+Bo—=z,,
Osf;j;g[f;iL i:15293545

where fq; is the travel for every suspension, and [f4] is
the maximum travel for the suspension.

7 Parameters and numerical process

Input data for the quarter-vehicle model, half-
vehicle model, and full-vehicle model are provided in
Tables 3-5. The type of vehicle is a Ford Granada,
which has been widely researched. The relevant pa-
rameters are selected from the relevant research and
Yu and Lin (2005). In this study, the analysis is
mainly focused on the numerical solution method and
optimization method. Some parameters are limited to
a range to determine the optimum result; thus, the
basic parameters are known. These parameters near
their regions can be changed, and the multi-objective
optimization method is performed to search the pa-
rameters set in their regions. First, different types of
vehicle models are established and different types of

Table 3 Relevant quarter-vehicle parameter values

Vehicle parameter Value
Sprung mass, m; (kg) 317.5
Unsprung mass, m; (kg) 454
Suspension stiffness, K; (N/m) 22000
Tire stiffness, K; (N/m) 192000
Suspension damping, C; (N-s/m) 1520

Table 4 Relevant half-vehicle parameter values

Vehicle parameter Value

Sprung mass, M, (kg) 690
Moment of inertia, J, (kg'm?) 1222
Front axle unsprung mass, My (kg) 40.5
Rear axle unsprung mass, My, (kg) 45.4
Distance from center of gravity to front 1.25

axle for wheel, a (m)
Distance from center of gravity to rear 1.51

axle for wheel, b (m)
Front suspension stiffness, K (N/m) 17000
Rear suspension stiffness, K (N/m) 22000
Front suspension damping, C; (N-s/m) 1500
Rear suspension damping, Cs; (N-s/m) 1500
Front tire stiffness, Kir (N/m) 192000
Rear tire stiffness, K, (N/m) 192000
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Table 5 Relevant full-vehicle parameter values

Vehicle parameter Value
Vehicle mass, m, (kg) 1380
Pitch moment of inertia, 6, (kgm?) 2444
Roll moment of inertia, ¢ (kg'm?) 380
Front axle left unsprung mass, my, (kg) 40.5
Front axle right unsprung mass, myg (kg) 40.5
Rear axle left unsprung mass, myc (kg) 454
Rear axle right unsprung mass, myp (kg) 45.4
Front left suspension stiffness, K5 (N/m) 17000
Front right suspension stiffness, K (N/m) 17000
Rear left suspension stiffness, Ks (N/m) 22000
Rear right suspension stiffness, K, (N/m) 22000
Front left suspension damping, C, (N-s/m) 1500
Front right suspension damping, Csg (N-s/m) 1500
Rear left suspension damping, Csc (N*s/m) 1500
Rear right suspension damping, Cyp (N-s/m) 1500
Front left tire stiffness, K4 (N/m) 192000
Front right tire stiffness, Kig (N/m) 192000
Rear left tire stiffness, Kic (N/m) 192000
Rear right tire stiffness, Kip (N/m) 192000
Distance from center of gravity to front axle 1.25

for wheel, a (m)
Distance from center of gravity to rear axle 1.51
for wheel, b (m)

Front wheel-base, Bs (m) 0.74
Rear wheel-base, B, (m) 0.74

algorithms are applied to these models. The precision
of the calculations are compared, and the reason for
the precision difference is explained. In addition to
the aforementioned analyses, the seven-DOF vehicle
model (full-vehicle model) is selected as the basic
model to design the experiment. The effects of the
parameters on vibration and tire excitation are listed,
and then an approximate model is established. Sur-
face response analysis is also performed, and then the
NSGA-II algorithm is used to solve the above prob-
lem. Because the aim of this study is to improve the
vibration performance of the vehicle based on the
multi-objective theory, the variable of all the input
parameters satisfies a'<x<b'. In this paper, from the
constraint of all the variables, it can be concluded
that: 15300<Kx<18700, 19800<K<24200, 1350<
Csa<1650, 1350<C<1650, 172 800<K<211200, and
2.484<a+b<3.036. All the analysis is based on the
seven-DOF model. In future work, a new model with
more DOFs will be built, and then a more precise
prediction model can be obtained. It is expected that

the difference arises from the negligibility of some
details and the rough algorithm in the present theory.

8 Results and discussion

8.1 Characteristics comparison under a different
model

In this study, two traditional methods, the
Runge-Kutta method and Newmark method, are
selected to compare with the FDM and Hamming
method. Fig. 6 shows the vertical acceleration of the
vehicle based on a two-DOF vehicle system; some
results in this region have been expanded because
they were too dense. The results show that the ac-
celeration values calculated by these four methods
agree well with each other.

Fig. 7 shows the vertical acceleration and pitch
acceleration values calculated by the four-DOF ve-
hicle model. Different types of solving methods are
compared. To gain an insight into the results, they are
expanded in some time regions. The results show that
the acceleration values calculated by these four
methods also agree well with each other.

Fig. 8 shows the seven-DOF model for the entire
vehicle. It compares different types of solving
methods to gain an insight into the results. The re-
sults are expanded in some time regions and show
that the acceleration values calculated by these four
methods also agree well with each other. However,
the waving trend in the same time-expanded region is
not the same.

According to the above analysis, it is difficult to
determine the precise difference calculated by dif-
ferent models. In fact, in realistic engineering, the

(]

—— Newmark

—&— FDM
Runge-Kutta
—— Hamming

o N »

Vertical acceleration (m/s?)
)

.
IS
L

10 10.1 10.2 10.3 104 10.5
t(s)
Fig. 6 Comparison of vertical acceleration among dif-
ferent methods in two DOFs
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Fig. 7 Comparison of vertical acceleration and pitch
acceleration among different methods in four DOFs: (a)
vertical acceleration; (b) pitch acceleration

RMS of the acceleration is usually used to evaluate
the vibration performance of the vehicle. Thus, the
RMS of the acceleration calculated by different
models and different algorithms are listed in Table 6.
The results show that there is little difference for the
RMS of the vertical acceleration among these results
calculated by different models based on two DOFs.
The results calculated by the Runge-Kutta and
Hamming methods are 1.2428 m/s” and 1.2500 m/s’,
respectively, which are less than the Newmark
method and FDM. Compared with the two-DOF
model, the result calculated by the four-DOF model
is smaller, and the errors of the vertical acceleration
for these four methods can achieve 53.74%, 52.28%,
53.11%, and 52.83%, respectively. The vertical ac-
celeration calculated by the Runge-Kutta or Ham-
ming method based on the two-DOF model is close
to that for the four-DOF model. These two methods
are better than the Newmark method and FDM; their
errors are less than approximately 3.9%—4.7% in
terms of the vertical acceleration and 4.6%—5.5% in
terms of the pitch acceleration. Comparing the errors
for the four-DOF model among these four methods,
the results show that the Runge-Kutta and Hamming
methods are also close to the seven-DOF model.
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Fig. 8 Comparison of vehicle acceleration with different
methods in seven DOFs for the entire vehicle: (a) vertical
acceleration; (b) pitch acceleration; (c) roll acceleration

Compared with the four-DOF model, the result cal-
culated by the seven-DOF model is smaller, and the
errors of the vertical acceleration for the four meth-
ods can achieve 5.11%, 5.54%, 4.84%, and 4.90%,
respectively. The errors of the Newmark method and
FDM are larger than approximately 3.7%—4.1% in
terms of the vertical acceleration and 5.9%-9% in
terms of the pitch acceleration.

A detailed analysis is performed to analyze why
the Runge-Kutta and Hamming methods are better.
The results calculated by the FDM and Newmark
method are less precise because these two methods
need to call four steps. This will lead the error to
average; thus, it causes the error of the entire result to
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increase. However, the FDM and Newmark method
only need to call for the former step result; thus, they
accumulate the error. The Runge-Kutta method ob-
tains the result of the broken line, which is relatively
smooth, in a large deviation node position. It requires
approximately three steps to approach a good result.
The correction value is a slower speed solution. The
Hamming law also requires three steps to adjust the
numerical results, and they oscillate up and down
around the true values of the approach point.

Table 7 also presents the calculation time for
different numerical methods, and the results show
that when the model changes from the quarter-
vehicle model to full-vehicle model, the calculation
time increases. The calculation time for the revised
Hamming method is longer than that for the other
three methods. The calculation time for the Runge-
Kutta method increases significantly for the full-
vehicle model.

Fig. 9 shows the comparison of the dynamic
characteristics based on different models. Because
the quarter-vehicle model only considers vertical
acceleration and the half-vehicle model only con-
siders vertical acceleration and pitch acceleration,
only the PSDs of vertical acceleration and pitch ac-
celeration are shown. The results show that the error
of the quarter-vehicle model is larger compared with
the other two models, but their trends are the same,
and the half-vehicle model is nearly the same as the
full-vehicle model. In the comparison of pitch

acceleration, there is some difference between the
half-vehicle model and full-vehicle model, but this
error is very small and it only appears at the peak
position. Thus, the analysis that follows will be per-
formed using the seven-DOF model to evaluate the
dynamic characteristics of the vehicle.
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Fig. 9 Comparison of the dynamic characteristics based
on different models: (a) vertical acceleration; (b) pitch
acceleration

Table 6 Comparison of acceleration RMS values in different DOFs

RMS (m/s?)
Parameter -
Newmark FDM Runge-Kutta Hamming
2-DOF Dynamic deflection 0.0101 0.0102 0.0101 0.0106
Vertical acceleration 1.3082 1.3074 1.2428 1.2500
4-DOF  Vertical acceleration 0.8509 0.8585 0.8117 0.8179
Pitch acceleration 0.6196 0.6141 0.5832 0.5855
7-DOF  Vertical acceleration 0.8095 0.8134 0.7742 0.7797
Pitch acceleration 0.5949 0.5872 0.5616 0.5641
Roll acceleration 0.6436 0.6806 0.5942 0.6056
Table 7 Comparison of calculation time for different numerical methods
Calculation time (s)
Model -
Newmark FDM Runge-Kutta Hamming
Quarter-vehicle model 0.0554 0.0298 0.0070 0.2524
Half-vehicle model 0.0573 0.0600 0.0153 0.2850
Full-vehicle model 0.0746 0.0806 0.2216 0.3414




406 Guo and Zhang / J Zhejiang Univ-Sci A (Appl Phys & Eng) 2017 18(5):393-412

8.2 Effect of parameters on the evolution index

To determine the effect of some parameters on
the dynamic characteristics of the vehicle, the effect
of pavement grade and vehicle speed on the dynamic
load of the tire and the vertical acceleration of the
vehicle mass center are calculated based on the
seven-DOF model. Fig. 10a shows the effect of ve-
hicle speed on the dynamic load of the tire under
different pavement grades. The results show that the
dynamic load coefficient increases with the speed,
the amplitude for grades A and B is very small, and
the dynamic load increases clearly with speed, espe-
cially for pavement grade D. The same result can be
seen in Fig. 10b.
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Fig. 10 Effect of vehicle speed on the dynamic load (a)
and vertical acceleration (b) under different pavement
grades

Fig. 11 shows the effect of pavement grade on
the vertical acceleration and dynamic load for dif-
ferent vehicle speeds. The results show that vertical
acceleration and dynamic load coefficient increase
with speed. When the pavement grade changes from

A to D, the road becomes rough; hence, these two
characteristics increase.
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Fig. 11 Effect of pavement grade on the vertical acceler-
ation (a) and dynamic load coefficient (b) for different
vehicle speeds

8.3 Effect of parameters on the evolution index

There are many factors that affect the dynamic
characteristics of a vehicle, such as suspension
stiffness, suspension damping, unsprung mass, ve-
hicle mass, and tire stiffness. These parameters are
always coupled together to affect the evolution in-
dices, and how one parameter affects the evolution
indices is always easy to understand. In this section,
the rule for the parameters on the characteristics must
be known. If the vehicle design manifests some
problems, the reason can be obtained quickly by
investigating the effect of the parameters. To deter-
mine how suspension stiffness and damping affect
the dynamic characteristics, Fig. 12 shows the effect
of suspension stiffness and damping on the PSD of
the dynamic characteristics. Fig. 12a shows the PSD
of the dynamic characteristics with different
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suspensions: K=17000 N-m and K=10000 N-m. The
results show that the PSD of the dynamic load coef-
ficient is greatly different in the range 0-5 Hz. The
amplitude decreases when the stiffness decreases in
this region. There is little difference from the range
5-15 Hz (greater difference appears at the region of
10 Hz) and the amplitude is the same in the region of
15-30 Hz. Thus, there is no effect of improving the
PSD of the dynamic characteristics by changing the
suspension stiffness. Compared with suspension
stiffness, damping nearly has an effect on all the
frequency regions (0—30 Hz), as shown in Fig. 12b.
When damping increases from 900 to 1500 N-s/m,
the dynamic load coefficient decreases quickly in the
vicinity of 1.226 Hz and 10.5 Hz; the value differ-
ence can achieve 0.00047 and 0.00088, respectively.
Additionally, the order of magnitude for the damping
effect is obviously higher than that for stiffness.
Figs. 12c and 12d show the effect of suspension
stiffness and damping on the PSD of vertical accel-
eration. The results also show that the stiffness also
only affects the frequency in the range 0-5 Hz; there
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is nearly no effect in the range 5-30 Hz. Compared
with stiffhess, damping has an effect on vertical ac-
celeration in the entire frequency region (0-30 Hz).
However, the results clearly show that the contribu-
tion of stiffness and damping to the PSD of vertical
acceleration are nearly the same, which is unlike their
effect on the dynamic load coefficient. From the
above analysis, the results show that the PSD of the
dynamic characteristics can be improved by chang-
ing the suspension stiffness and damping according
to different frequency problems.

8.4 DOE analysis for the dynamic characteristics

The factors dominating the dynamic load coef-
ficient and vertical acceleration can be identified
through their levels. The parameters that weight the
effect of dynamic load coefficient (Rpyc) and vertical
acceleration (Ryc) on every performance can be
written as follows:

Ry, ¢ =max(R,) —min(R,), (25)
R, = max(R,) —min(R,). (26)
15 . .
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Fig. 12 Effect of stiffness K and damping C on the dynamic load and vertical acceleration: (a) effect of stiffness on the
dynamic load coefficient; (b) effect of damping on the dynamic load coefficient; (c) effect of stiffness on vertical accelera-
tion; (d) effect of damping on vertical acceleration
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According to Egs. (25) and (26), the effect of the
input parameters on the dynamic load coefficient (F5)
and vertical acceleration (F) responses is analyzed,
as shown in Fig. 13. The effect of the aforementioned
seven factors on the dynamic load coefficient can be
arranged as B>A>E>D>C>F>G; the dominating
weight of the aforementioned seven factors on ver-
tical acceleration can be arranged as E>G>F>D>C>
A>B. In fact, there are some other indexes in the
dynamic analysis of the vehicle. If the best vehicle
that has the smallest vibration is desired, the multi-
objective function needs to be established and the
weight power of every aim also needs to be set, and
then a suitable design can be obtained.
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Fig. 13 Weight comparison of factors: (a) comparison of
the dynamic load coefficient by various factors and their
levels; (b) comparison of the vertical acceleration by var-
ious factors and their levels

In fact, the parameters’ interaction is always
neglected. In this paper, the Pareto effect of all the
parameters and parameters’ interaction are all inves-
tigated. The results show clearly that the contribution
of all the parameters can be arranged as B>E>A>
D>C>G>F, as shown in Fig. 14a. There is little dif-
ference from the above orthogonal experiment. The
reason for this difference will be researched in future

work. In addition to the above, the parameters’ in-
teractions Csa-Kia, a-Ka, and Cia-K; also have an
effect on F, to some extent, so the parameters’ in-
teraction cannot be neglected. The results also show
that the contribution of some parameters are nega-
tive, such as Csa-Ksa, a-Ksa, and a. Fig. 14b shows
the contribution of the parameters and parameters’
interaction to /. The results show that the contribu-
tion of all the parameters can be arranged as E>G>
F>D>B. This result agrees well with the orthogonal
experiment. In addition to the above discussion,
some parameters’ interactions also make a contribu-
tion to £, such as a-b, Cyc-K,, a-K;, and b-K,. Thus,
when analysis regarding the effect of the parameters
on the aim is performed, the parameters cannot be
neglected; it may contribute more than a single pa-
rameter to the aim.
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Fig. 14 Pareto effect of all the parameters: (a) contribu-
tion of all the parameters and parameters’ interaction to
F1; (b) contribution of all the parameters and parameters’
interaction to F,

8.5 Optimization analysis

This section describes the details of the GA,
which is fitted to solve the vehicle dynamic optimi-
zation problem. Seven design variables, the stiffness
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of the front suspension (K;a), stiffness of the rear
suspension (Kyc), damping of the front suspension
(Csa), damping of the rear suspension (Cyc), stiffness
of the tire (K), distance from the mass center to front
axis (a), and distance from the mass center to rear
axis (b), are selected to control the vehicle’s dynamic
performance. The mass of the vehicle, moment of
pitch inertia of the vehicle, moment of roll inertia of
the vehicle, distance between the tires, and mass of
the upspring are fixed for two reasons: (1) the mass is
always related to the moment of inertia; there is a
complex relationship between these variables and the
variation of mass around this point is substantially
small; (2) the distance between the tires is always
fixed. Therefore, these design variables are omitted.
Thus, a rank-based GA with niche operator and
‘separate pool scheme’ is used to optimize the two
objective functions, the minimum dynamic load co-
efficient and the minimum vertical acceleration,
under many constraints. The binary coded NSGA-II
using three digits for each variable is chosen. The
total population is 100 members and the population
size is 40, with a crossover probability of 0.9 and
crossover distribution of index 10, and a mutation
distribution of index 20 is considered. A constraint
on the total distance between the front axis and rear
axis (2.484 m<a+b<3.036 m), i.e., fa1, fa2, fa3, and fg4<
30 mm, is imposed.

Fig. 15 illustrates the results obtained for vehi-
cle dynamics. The Pareto frontier can be clearly seen
(round point) from the results of the dynamic load
coefficient and vertical acceleration for the Pareto
design variables. There are many optimized results in
the multi-objective optimization analysis. These
results form a set and they move to a small region
after the calculation and form an edge, as shown in
Fig. 15. One of these results is the optimal result. The
reason for using the Pareto approach in this study is
to show that when the multi-objective optimization is
performed, the optimal results are not always the
only results; they form a set. Simultaneously, the
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entire optimization process is reflected in this figure,
for example, the initial parameters used to calculate
the aim are located at position B, and then the next
calculation aim will achieve position C which is
closer to the optimal result. However, this value is
not the optimal result. After some calculations, the
result becomes closer to the Pareto edge.

Table 8 presents the comparison of parameters
and results before and after optimization. The results
show that the solution F; reduces by 0.0352 m/sz,
which is an improvement of 7.22%, and the solution
F, reduces by 0.0225, which is an improvement of
6.82% after optimization. The parameters changed,
to some extent. The close agreement between the
expected and predicted data shows that NSGA-II can
be used to obtain optimized results in the theoretical
program.

To verify the results, Fig. 16 also shows the
comparison of the PSD of the vertical acceleration
and dynamic load coefficient before and after opti-
mization. The results show that nearly all the infor-
mation is optimized over the entire frequency region.

9 Conclusions

Based on the dynamic simulation of different
vehicle systems, a study to establish the two-DOF,
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Fig. 15 All the Pareto designs after 4000 generations

Table 8 Parameters and results comparison

KSA KSC CSA CsC Kt Fl
Status am by Nm) (Nsim)  (Nsim)  (Nm)  (mis) L2
Before optimization  1.25 151 17000 20000 1500 1500 _ 192000 04871 03300
After optimization 137 136 15301 19800 1353 1366 172800 04519  0.3075
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Fig. 16 Comparison of the PSD of vertical acceleration (a)
and dynamic load coefficient (b) after optimization

four-DOF, and seven-DOF models was performed in
a simulation program. Different types of numerical
methods used to solve the dynamic simulation equa-
tion were studied. Multi-objective optimization was
introduced to optimize the vibration of the vehicle.
The effects of the parameters on the dynamic char-
acteristics were all investigated, and the precision of
the average acceleration was compared. The conclu-
sions are summarized as follows:

1. In the multi-degree system, the results calcu-
lated by these four methods agreed well with each
other. The Hamming method was a new method that
could calculate the dynamic characteristic of the
system, and it was better than the Newmark method
and FDM. The average acceleration was also used for
comparison. The Runge-Kutta method was better
than the four-step Hamming method. The Hamming
method calls former steps. An error exists at every
step, which leads to the RMS being larger than that
for the Runge-Kutta method, but this does not affect
precision.

2. Orthogonal experiments were combined to
identify the factors dominating the vehicle’s dynamic

behavior. The effect of the weight of the aforemen-
tioned seven factors on the dynamic load coefficient
can be arranged as E>G>F>D>C>A>B. The domi-
nating weight of the aforementioned seven factors on
vertical acceleration can be arranged as B>A>E>D>
C>F>G. Thus, this technique can be used to find the
effect of the parameters on the ride comfort of the
vehicle.

3. Orthogonal experiments can be used to de-
termine the parameters of the dynamic characteristics.
In fact, some parameters always couple with each
other to affect characteristics; the interaction effect
sometimes has a greater effect on the vehicle’s dy-
namic behavior, and these effects are always
neglected.

4. The overall objective raised in this study
integrates the problem of the complex dynamic
modeling of a vehicle and an optimization process
characterized by a high number of variables to be
simultaneously modified and a high number of
constraints to be satisfied. After the optimization
analysis, the results showed that the optimal results
were not always the only results; there are many
optimized results in the multi-objective optimization
analysis and these results form a set. They move to a
small region after the calculation and form an edge,
which is called a Pareto edge. One optimum result
shows that the solution F) reduces by 0.0352 m/sz,
which is an improvement of 7.22%, and the solution
F;, reduces by 0.0225, which is an improvement of
6.82% after optimization. In a practical design, it is
better to couple the DOE with the multi-objective
optimization method to perform the optimization,
which can avoid trapping in a local minimum or
maximum, because the sample can distribute the
entire space after the design of the experiment.
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